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Performance analysisAbstract A computational fluid dynamics (CFD) simulation method based on 3-D Navier–Stokes
equation and Arbitrary Lagrangian–Eulerian (ALE) method is presented to analyze the grooved slip-
per performance of piston pump. The moving domain of grooved slipper is transformed into a fixed
reference domain by the ALE method, which makes it convenient to take the effects of rotate speed,
body force, temperature, and oil viscosity into account. A geometric model to express the complex
structure, which covers the orifice of piston and slipper, vented groove and the oil film, is constructed.
Corresponding to different oil film thicknesses calculated in light of hydrostatic equilibrium theory
and boundary conditions, a set of simulations is conducted in COMSOL to analyze the pump
characteristics and effects of geometry (groove width and radius, orifice size) on these characteristics.
Furthermore, the mechanics and hydraulics analyses are employed to validate the CFD model, and
there is an excellent agreement between simulation and analytical results. The simulation results show
that the sealing land radius, orifice size and groove width all dramatically affect the slipper behavior,
and an optimum tradeoff among these factors is conducive to optimizing the pump design.
 2015 The Authors. Production and hosting by Elsevier Ltd. on behalf of Chinese Society of Aeronautics
and Astronautics. This is an open access article under the CC BY-NC-ND license (http://creativecommons.
org/licenses/by-nc-nd/4.0/).1. Introduction
The research on slipper behavior is imperative because the
leakage and power loss of piston pumps are largely causedby slipper/swash plate tribological pair. Good performance
and reliability of the pump are directly linked with smooth
slipper/swash plate running, being necessary to avoid metal
to metal contact, excessive film thickness and force/torque act-
ing on the swash plate. Therefore, volumetric and mechanical
efficiencies, reliability, durability and lifetime of piston pump
will be affected by slipper performance. Some well-known
optimization approaches for slipper, such as cutting a pressure
balancing groove on the slipper, adding a vented slot across
the inner non-sealing land to balance the force on the slipper,
narrowing sealing land width, regulating the clamping ratio,
and introduction of the orifice in piston, have been proven
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While the majority of current researches pay little attention
to the effects of the environmental conditions (rotate speed,
viscosity, etc.) on some important features (friction, film thick-
ness and tilt torque) related with the volumetric, hydraulic and
mechanical efficiencies. Even though the effects of the working
conditions are not expected to be very remarkable, the intro-
duction of their effects on performance through complicated
mathematical or simulation approach is necessary when
aiming to fully understand slipper/swash plate behavior and
making a tradeoff between performance and durability.
This paper attaches much importance to the effects of envi-
ronmental conditions on the pressure distribution, friction, tilt
torque and leakage. Compared with traditional experimental
methods, numerical computation based on the computational
fluid dynamics (CFD) method makes it easier to deeply under-
stand the relationship between performances and running con-
ditions. Moreover, the change of performance could be
observed overtly with minor modification on structure and size
of the critical components (slipper and piston), which makes it
practicable to optimize the pump with minimum power loss
and maximum durability.
The piston and slipper assembly used in this paper (Fig. 1)
is one of the nine pistons for a piston pump with a maximum
volumetric displacement of 9.05 mL/r. The piston pump runs
under the rated condition of high pressure (21 MPa) and rotate
speed (4000 r/min). It can be seen that the slipper has been
designed with a single full sealing land, groove, vented slot,
and orifice hole in a hollow piston. The vented slot crossing
the non-sealing land is designed to balance the groove and slip-
per recess pressure. This design is utilized widely by current
slipper manufacturer, and some structure parameters, such
as sealing land width, groove width and radius, and slot width,
influence oil film thickness, friction and leakage directly.
Many publications have been finished in the past 40 years
and mainly focused on improving the slipper performance of
piston pump through analyzing the leakage, tilt angle, forces
and torques on slipper experimentally and analytically.1,2
In a research series presented by Hooke, the effects of slip-
per structure and parameters were deeply analyzed, including
degree of non-flatness,3,4 over-clamped ratio of slippers,5 and
tilting couple acting on slipper.6,7 Hooke et al. also described
the effect of clamping ratio and orifice size on the performance
of slippers8 after the experimental and theoretical investiga-
tion. Koc and Hooke9,10 outlined the design procedure
whereby the slipper behavior, minimum film thickness and loss
of high pressure fluid can be estimated.
Considering the displacement velocity and tilt, Iboshi and
Yamaguchi deduced a set of equations based on the Reynolds
equation of lubrication which gave the flow and main
moments acting on the single land slippers. They also definedFig. 1 Piston and slipper.a diagram to check the performance of slipper considering
metal to metal contact.11–13
Based on the Reynolds equation of lubrication, Kazama
and Yamaguchi14 presented a time-dependent mathematical
model for slipper/swash plate under film lubrication condition.
The model considered the effects of eccentric and moment
loads, supply pressure and rotate speed on the friction, flow
rate and power losses. Fang15 introduced a method to evaluate
the lubrication characteristics between the piston and cylinder
in a swash plate type axial piston pump-motor under mixed
lubrication conditions.
Using the Reynolds equation of lubrication, Tsuta et al.16
analyzed the slipper dynamics in a piston pump, where the
effects of slipper spin, tangential velocity over the pump axis,
angular and radial pressure distribution were considered. In
view of the complexity of the hydraulics and dynamics of a pis-
ton pump, Wieczoreck and Ivantysynova17,18 developed a
package called CASPAR which employed the Reynolds equa-
tion of lubrication and the energy equation in differential
form.
Deeken19 analyzed the factors affecting friction by simula-
tion. Manring et al.20 studied the dynamics of a slipper/swash
plate. Brajdic-Mitideri et al.21 focused on the low friction pad
bearing in a two-dimensional Cartesian coordinate system,
taking fluid compressibility into account. Houzeaux and
Codina22 presented a numerical strategy for the simulation
of a gear pump. Because the two gears of the pump are rotat-
ing, the intersection between them changes with time. The
problem caused by the changing computational domain is
resolved by the ALE method.
Niels and Santos23 formulated a numerical model based on
Reynolds equation to minimize the friction of tilting pad and
the results showed that a large amount of energy can be saved
using low length to width ratio of the cavity. Analytical
solution for slippers with multiple lands was outlined in
Refs.24–26 and more clearly defined in Ref.27. In these studies,
the authors considered the flow only existing in radial direction,
and the effect of tangential velocity was neglected. Bergada
et al.28 analyzed the pressure distribution, leakage, force, and
torque between the cylinder and the port plate of an axial piston
pump. Kumar et al.29 described the static and dynamic
characteristics of a piston pump slipper with groove. Three-
dimensional Navier–Stokes equations in cylindrical coordinates
were applied to the grooved slipper/swash plate gap.
Due to complexities in geometry and physics, CFD pump
simulation has historically been very challenging and time-
consuming, especially for cases with cavitation. Ding et al.30
presented a novel CFD methodology and an advanced cavita-
tion model, through which grids for the moving and stationary
parts are created as separate volumes. It is an efficient, accu-
rate and robust solution if implemented properly.
Most literatures studied the slipper performance and took
the effect on the oil film thickness and friction into account
in design and analysis. Even though a degree of non-flatness
was essential to ensure the perfect performance of the slipper,
the increment of film thickness with reduction of slipper
non-flatness was very small.3,5 The oil film thickness of slipper
is mainly affected by the orifice size,5,9,10 over-clamped
ratio6,8–10, number of full lands11–13,20 and running condi-
tions.29,31,32 Slippers operate perfectly with the orifice blanked
and, indeed, are generally most stable in this condition.
Introduction of the orifice in under-clamped slippers increases
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resistance to tilting couples and the minimum film thickness.10
Bergada presented an analytical solution for slippers with
multiple lands, and Kumar outlined it more clearly in
Refs.29,31. In the conclusions of Bergada and Kumar, the oil
film clearance is greater for a single-land slipper than a
double-land slipper. Oil film thickness is closely related to
the running conditions such as rotate speed and load
pressure.
Leakage is the most important factor related with hydraulic
efficiency of piston pump, and almost half of the leakage is
derived from slippers. Not much leakage is necessary for good
lubrication and mechanical efficiency, and a tradeoff between
mechanical and volumetric efficiency must be made. Leakage
is affected obviously by the oil film clearance and running con-
ditions,11–13 but not very significantly by the relative position
of swash plate and slipper,1 sealing land number and
width.22,29,31 Bergada et al.32 presented an equation to evaluate
leakages in all piston pump gaps.
Force and torque analyses always are the focus of research-
ers,24–26 and slipper mechanics are decided by almost all the
design factors, so it is difficult to describe their effects sepa-
rately. Slipper tilt torque is closely related to its stable opera-
tion. Herein, we only reference researches on tilt torque
analysis.29,31 Similar with the leakage, tilt torque is affected
by the relative position of slipper and swash plate, which is dif-
ferent when they are and are not parallel. Degree of non-
flatness,7 orifice size,9,10 swash plate angle, eccentric or
moment loads, supply pressure and speed of rotate14 will
change the tilt torque simultaneously. Tilting couple due to
friction on the slipper running surface is much smaller than
the ones of piston-cylinder pair and piston-slipper pair.7
Analytical, experimental, and numerical methods are the
three normal research approaches on piston and slipper.
Previous studies commonly used analytical and experimental
methods.11,13 The advantage of analytical approach is that
explicit equations allow a direct understanding of the effect
of dimension changes and operating conditions on hydraulic
pump. Some studies were totally experimental,20 and the
results can directly express the effects of different designs on
slipper performance.
With the development of computational and numerical
technology, analysis-based mathematical model and numerical
method are becoming the most common approaches.24–27 The
mathematical analysis of the slipper with groove is too com-
plex to be solved analytically without further approximation.
Slipper performance has close relation with fluid film lubri-
cation, and for more than one century, fluid film lubrication
problems have traditionally been analyzed based on the
Reynolds equation.23–28 However, in recent years there has
been a growing application of the full Navier–Stokes equations
to solve the lubrication problems. Because in some conditions,
assumptions used by Reynolds equation are invalid, for exam-
ple, fluid inertia is significant, and the fluid responds viscoelas-
tically.33 In systems with complex geometry,34,35 Reynolds
equation is limited only to the thin film contact itself, but
the Navier–Stokes equations can be applied throughout.22
Furthermore, increasing availability of user-friendly commer-
cial CFD codes (ANSYS, FLUENT and COMSOL) based
on the Navier–Stokes equations has greatly reduced the effort
to implement Navier–Stokes solutions.29,31With respect to the problem of moving mesh in finite ele-
ment method, Arbitrary Lagrangian–Eulerian (ALE) formula-
tion has the advantages of both Lagrangian and Eulerian
description. Recently, ALE method has been successfully
applied to moving boundary problems in consideration of a
rigid-body structure.35–37 Special reference that needs to be
pointed out is the gear pump rotate simulation conducted by
Houzeaux and Codina22 based on the FEM and ALE method,
while no evidence shows that there is similar utilization on pis-
ton pump slipper analysis.
2. Mathematical approaches
2.1. Governing equations and boundary conditions in Eulerian
formulation
Fig. 2 shows a schematic drawing of the piston/slipper assem-
bly, inner hollow piston/slipper and swash plate clearance, and
the relative movements between slipper and swash plate are
also outlined. The OXY is coordinate system in the slipper with
the origin O. Cross section C–C illustrates the computational
domain of piston and slipper. h1, h2 and h3 represent the thick-
ness of film, height of groove and length of slipper orifice,
respectively. d1 is the diameter of the slipper orifice. l and d2
refer to the length and diameter of piston orifice. r1, r2, r3
and r4 show the radiuses of the non-sealing land, inner sealing
land, groove and sealing land, respectively. h is the reference
angle measured counterclockwise from the positive coordinate
of X axis to the line. The computational domain X has bound-
ary C ¼ fCA;CB;Cin;Coutg where CA;CB ;Cin and Cout are slip-
per, swash plate, inlet, outlet boundary, respectively.
We notice that the computational domain includes the non-
symmetrical geometry of vented slot. Furthermore, tangential
velocity acting on the slipper will create a flow field below the
slipper which cannot be considered symmetric in radial direc-
tion. Therefore, it is necessary to consider a three-
dimensional computational domain.
In order to simplify computation, the following assump-
tions are made: ð1Þ Flow is laminar. ð2Þ The slipper/swash
plate clearance is uniform. ð3Þ Steady conditions are consid-
ered. ð4Þ Tangential velocity is taken into account. ð5Þ Swash
plate tilt angle is always zero.
The continuity equation and conservative form of
Navier–Stokes equations in Eulerian formulation are given
as Eqs. (1) and (2). Additionally, the boundary conditions
are presented as Eq. (3).
r  u ¼ 0 in XðtÞ  ½0;T ð1Þ
where u is the velocity of fluid, t the simulation time and T the
total simulation time.
@u
@t
þ ðu  rÞu mDuþrp ¼ f in XðtÞ  ½0;T ð2Þ
where p is fluid pressure, m the kinematic viscosity and f
the body forces caused by rotating of the slipper, which
should not be neglected because high speed rotation will
affect flow and pressure distribution. And the variation
of the fluid density also should be considered in high pres-
sure environment.Here, we consider the Navier–Stokes
equations in a moving domain XðtÞ  ½0;T , which has
boundary C.
Fig. 2 Diagram of computational domain.
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uðx; y; z; 0Þ ¼ u0ðx; y; zÞ in Xð0Þ
uðx; y; z; tÞ ¼ wðx; y; z; tÞ on CAðtÞ  ½0;T and
CBðtÞ  ½0;T
dr
dt
¼ wðx; y; z; tÞ; r  w ¼ 0; r w ¼ jrjx
CAðtÞ
rðx; y; z; tÞ  n^jCinðtÞ ¼ Pin on CinðtÞ  ½0;T
rðx; y; z; tÞ  n^jCoutðtÞ ¼ Pout on CoutðtÞ  ½0;T
wðx; y; z; tÞ ¼ 0jCBðtÞ
8>>>>>><
>>>>>>:
ð3Þ
where uðx; y; z; tÞ is the velocity of fluid as described in Eq. (1)
with the initial velocity u0 when t= 0, Xð0Þ the computational
domain when the variable t= 0, rðx; y; z; tÞ the position vec-
tor, wðx; y; z; tÞ boundary velocity, n^ normal vector,
xðx; y; z; tÞ angular velocity of slipper, rðx; y; z; tÞ stress tensor,
Pin the inlet pressure, and Pout the outlet pressure.
2.2. Governing equations and boundary conditions in ALE
formulation
Because effects of rotate speed, body force, and viscosity of the
liquid cannot be neglected, the Navier–Stokes Eqs. (1) and (2)
should be solved in the moving domain. It is most convenient
using the ALE method to transform the moving domain of
grooved slipper/swash plate into a fixed reference domain.
For any function gðx; y; z; tÞ expressed by Eulerian formula-
tion, we can transform it into grðxr; yr; zr; tÞ expressed by ALE
formulation.35 The transformation process is defined by Eq. (4).
@gðx; y; z; tÞ=@x ¼ @grðxr; yr; zr; tÞ=@xr
@gðx; y; z; tÞ=@y ¼ @grðxr; yr; zr; tÞ=@yr
@gðx; y; z; tÞ=@z ¼ @grðxr; yr; zr; tÞ=@zr
@gðx;y;z;tÞ
@t
¼ @grðxr ;yr ;zr ;tÞ
@t
 V  rgrðxr; yr; zr; tÞ
8>><
>>:
ð4Þ
where V is the domain velocity.According to the transformation of functions given in Eq.
(4), the Navier–Stokes system can be converted from a variable
domain XðtÞ  ½0;T to a fixed reference domain Xð0Þ  ½0;T
shown as Eq. (5), and the corresponding boundary conditions
are given as Eq. (6).
r  ur ¼ 0
@ur
@t
þ ðður  VÞ  rÞur  mDur þrpr ¼ fr in Xð0Þ
(
ð5Þ
urðxr; yr; zr; 0Þ ¼ u0ðxr; yr; zr; 0Þ in Xð0Þ
urðxr; yr; zr; tÞ ¼ wrðxr; yr; zr; tÞ on CAðtÞ  ½0;T and
CBðtÞ  ½0;T
dr
dt
¼ wðx; y; z; tÞ; r  w ¼ 0; r w ¼ jrjx
CBð0Þ
rðxr; yr; zr; tÞ  n^jCinð0Þ ¼ Pin on Cinð0Þ  ½0;T
rðxr; yr; zr; tÞ  n^jCoutð0Þ ¼ Pout on Coutð0Þ  ½0;T
dr
dt
¼ 0jCAð0Þ
8>>>>>>>>>>><
>>>>>>>>>>>:
ð6Þ
where @Xð0Þ ¼ C and the corresponding variables with the
subscript r in Eqs. (5) and (6) cover the same interpretations
as in Eq. (3), but for ALE formulation. The variable domain
problem can be solved by solving a sequence of fixed reference
domain problems. The modified equation is defined in a fixed
domain and we can solve this problem by any of the available
standard methods.
2.3. Solution technique
In order to get the discretization results of Eq. (5), we should
start with considering the weak form of the problem in space–
time slab XðtÞ  ½tn; tnþ1, which is shown as Eq. (7).
Table 1 Film thickness under different conditions.
l
(Pas)
Rs
(r/min)
Pin
(MPa)
h1
(lm)
l
(Pas)
Rs
(r/min)
Pin
(MPa)
h1
(lm)
0.01275 1500 10 11.3 0.003434 1500 10 8.2
21 7.8 21 5.7
30 6.5 30 4.7
3000 10 16.0 3000 10 11.6
21 11.0 21 8.0
30 9.2 30 6.7
4000 10 18.4 4000 10 13.4
21 12.7 21 9.2
30 10.6 30 7.7
5000 10 20.6 5000 10 15.0
21 14.2 21 10.3
30 11.9 30 8.6
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tn
Z
X
@ur
@t
 vþ mrur : rvþ ður  VÞ  rur  v
pr  vþ qr  ur  fr  v
" #
dXdt
þ
Z
X
urðtþn Þ  urðtn Þ
   vdX ¼ 0
ð7Þ
where v and q are the test functions, and ½tn; tnþ1 is the dis-
cretized time slice. uðtþ;n Þ ¼ lime!0þ;uðtn þ eÞ imposes the con-
tinuity of the velocity at tn.
Eq. (5) are nonlinear convection–diffusion equations, and
such equations are unstable if discretized using the Galerkin
finite element method. Stabilized finite element methods are
therefore necessary in order to obtain physical solutions. In
this work, we select the Galerkin-least-squares (GLS) as the
stabilization approach for the finite element approximation
of the ALE equations, shown as Eq. (8).
R 1dt ðunþ1r  unr Þ  vþ mrunþ1r : rvþðunþ1r  VÞ  runþ1r  v pnþ1r  v
þsglsðmDvþ unþ1r  rvÞ  Rnþ1  f nþ1r  v
2
64
3
75dX ¼ 0
R
X½qr  unþ1r þ sglsrq  Rnþ1dX ¼ 0
8>><
>>:
ð8Þ
where sgls is a numerical parameter, and R the residual. Ref.
38
introduced the definition of these two parameters.
3. Geometry and validation of CFD model
Two approaches are utilized to validate the CFD model. One
is mechanics validation, and the other is hydraulics validation.
The CFD model presented in the paper is developed in
COMSOL (Fig. 3). In order to consider the orifice effects on
leakage and pressure distribution, the model covers the orifice
section of inner hollow piston, and the swash plate tilt angle is
assumed always to be zero. Fig. 3 shows the grid shape and
density of computational domain. To save the CPU time, we
created un-uniform grids within the computational domain.
Grids among the oil film between slipper and swash plate are
denser than the ones among the groove and orifice.
The model is discretized by a tetrahedral grid, and the grid
size in radial and circumferential direction is uniform, but a
very fine grid is used inside the clearance to simulate the fluid
flow.
3.1. Mechanics validation
The inlet pressure is maintained at a constant value given by
Pin. During the operation of the slipper, a fluid pressure profile
is generated between the slipper/swash plate clearances. ThisFig. 3 CFD model of slipper.pressure profile can separate the bearing from the surface to
avoid metal to metal contact, and the applied load from inlet
pressure Pin will resist this separating force.
Generally, separating force and applied load must have a
balance. This research compares the two forces to conduct
the mechanics validation. The applied load will be constant
when the Pin is constant, and the separating force is closely
related with the geometry and running condition.
Accordingly, the slipper dimensions are listed as follows:
non-sealing land inside radius r1 = 1.5 mm; non-sealing land
outside radius r2 = 3.4 mm; sealing land inside radius
r3 = 4.4 mm; sealing land outside radius r4 = 7.7 mm; slipper
orifice diameter d1 = 1 mm; piston orifice diameter
d2 = 1.2 mm; height of groove h2 = 0.8 mm; slipper orifice
length h3 = 0.8 mm; piston orifice length l= 11 mm.
The film thickness h1 has significant effect on the separating
force, which is obtained through Eq. (9). Herein, the calcula-
tion of h1 does not take the effect of orifice into account.
h1 ¼
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
GlUr4=Pin
p
ð9Þ
where U is the relative velocity between slipper and swash
plate, and l the dynamic viscosity of the oil fluid. Hydrody-
namic parameter G is only influenced by the temperature
(which effects the dynamic viscosity l) and irrelative with
rotate velocity and outlet pressure, which is consistent with
Hooke’s theory.10 Based on the oil film thickness obtained
through simulation in COMSOL, hydrodynamic parameterFig. 4 Separating force on slipper.
Performance optimization of grooved slippersfor aero hydraulic pumps 819G can be calculated repeatedly under the different temperature
(dynamic viscosity). Furthermore, the values of h1 could be
calculated under different running conditions, as listed in
Table 1.
Comparing the applied load calculated by analytical
method (dashed line in Fig. 4) with separating force obtained
from CFD simulation (solid line in Fig. 4, and Rs is rotate
speed) at the different dynamic viscosity l and pressure P,Fig. 5 Leakages among slipper clearances.
Fig. 6 Simulation results o
Fig. 7 Effect of running conditwe can see that the applied load and separating force are
approximately equal, which is important for the balance of
the slipper.
3.2. Hydraulics validation
Similar to the separating force, the volumetric flow-rate Q of
fluid into the slipper clearance, which also can be described
as the leakage, is affected by film thickness significantly.
Leakage can be approximated by a well-known analytical
Eq. (10).
Q ¼ ph
3
1ðPin  PoutÞ
6llnðr4=r3Þ ð10Þ
Comparing the leakage obtained from CFD simulation
(Fig. 5) with the one derived by analytical method (Eq. (10)),
we can see there is not a very good match between the two
results, while the varying tendency is consistent when consider-
ing the effects of viscosity, inlet pressure and rotate speed.
Herein, it should be notified that the running conditions had
been considered when we calculated the film thickness h1
(Table 1) by analytical method, as mentioned above. The
effects of orifice size, groove width and radiuses were
neglected. It is interesting that higher pressure will not cause
larger leakage, only because the oil film becomes lower with
the increasing of pressure.f pressure distribution.
ion on pressure distribution.
820 J. Chen et al.4. Results and discussion
All the graphs in this section are obtained indirectly via CFD
(COMSOL). When simulation under specific running condi-
tion are finished, the desired data are obtained by the specific
tools supplied by COMSOL.
4.1. Pressure, friction and tilt torque
4.1.1. Pressure distribution
When analyzing the pressure under static conditions, we real-
ize that pressure inside the clearance is symmetric in X and YFig. 8 Friction on slipper.
Fig. 9 X and Y axis tilt tor
Fig. 10 Pressure graphs under conditiondirection. However, pressure distribution is unsymmetrical
under dynamic conditions, which is caused by the body force
when rotating at high speed, and the unsymmetrical structure
of the slipper clearance.
Simulation results of the pressure P (Fig. 6(a)) below the
slipper can be visualized by three-dimensional graphs (Fig. 6
(b)), and the two-dimensional pressure plot of cross section
cut through X axis (section C–C in Fig. 2) can be obtained
(Fig. 7).
Fig. 7 represents pressure graphs under different rotate
speeds, inlet pressures, and film thicknesses. It can been seen
from Fig. 7(a) that at higher rotate speed (Rs = 3000 r/min),
there exists in X direction a 0.3 MPa pressure differential
approximately inside the groove. Such pressure differential is
smaller in lower speed, and is zero under static condition.
Obviously, body force of liquid causes the unsymmetrical pres-
sure distribution. Fig. 7(b) shows pressure under different inlet
pressure, and it can be seen that lower Pin will deliver higher
pressure reduction ratio along the orifice and lower hydraulic
efficiency simultaneously. When comparing Fig. 7(b) and (c),
we can see that pressure is not much affected by the film
thickness.
4.1.2. Friction and tilt torque
Under ideal running condition without metal to metal contact,
friction between the slipper and swash plate is mainly caused
by the shear stresses of the fluid, which is affected by the filmque at l= 0.01275 Pas.
s Rs = 3000 r/min and Pin = 21 MPa.
Performance optimization of grooved slippersfor aero hydraulic pumps 821thickness and oil viscosity. Fig. 8 presents the friction at
different viscosity l, and it can be seen that at higher viscosity,
friction increases significantly with the increasing of inlet pres-
sure, while friction is not sensitive to Pin under lower viscosity
condition.
The tilt torque is mainly caused by the unsymmetrical pres-
sure distribution in radial direction and the friction in tangen-
tial velocity direction. Similar to the friction, tilt torque is also
affected by the inlet pressure, rotate speed, viscosity and film
thickness. Fig. 9 shows the tilt torque of X axis (Tx) and tilt
torque of Y axis (Ty) at different rotate speeds and inlet
pressures. It can be seen that at higher inlet pressureFig. 12 Effect of groove dimensions on leakage.
Fig. 13 Effect of orifice diameter on tilt torque.
Fig. 11 Oil film thickness under different orifice diameters.(Pin = 21 MPa), Tx decreases when rotate speed increases,
while Ty is less dependent on rotate speed, and becomes smal-
ler when rotate speed is very high. Under lower inlet pressure,
contrary conclusion can be derived based on the graphs of
Fig. 9. Tx is mainly caused by the unsymmetrical structure,
and the effect of geometry will become smaller when Pin and
Rs increase. Ty is mainly caused by the centrifugal force; there-
fore it is normal for Ty to become bigger with rotate speed
increasing.
4.2. Effects of geometry (width, radius and orifice size)
4.2.1. On pressure distribution
Fig. 10(a) presents the pressure graphs for three different
groove widths, and it can be seen that there is not significant
influence on the pressure. Fig. 10(b) shows the comparison
results of three graphs under different groove radiuses, and
lower groove radius will cause higher pressure inside the
groove.
4.2.2. On film thickness
Herein, the effects of groove width and radius on film thick-
ness are neglected, and only orifice size is considered. There
is no doubt that increasing orifice diameter will lift the slipper
and enlarge oil film clearance. Fig. 11 presents a possible
approach to express the oil film and its relevant parameters
quantitatively, which is important for the piston pump design.
4.2.3. On leakage
Fig. 12 shows the effects of groove dimensions on leakage.
From Figs. 10 and 12, it can be seen that groove width hasFig. 14 Effects of groove dimensions on tilt torque.
822 J. Chen et al.low influence on both the pressure distribution and leakage,
while groove position is very significant, and increasing groove
radius will deliver both more leakage and much flatter pressure
distribution inside the groove. A tradeoff must be considered
in design.4.2.4. On tilt torque
Unlike the effect of orifice diameter on leakage (Fig. 11), tilt
torques of X and Y axis do not increase monotonously with
the increasing of orifice size (Fig. 13). We do not expect that
the turning point obtained based on the simulation result is
exactly similar with the real condition, but it is certain that
there exists an optimal orifice size for minimum leakage and
maximum dynamic stability.
Groove width and radius have contrary effect on the tilt
torque (Fig. 14), which means that minimum groove width
and maximum radius will present good and stable
performance.5. Conclusions
(1) The higher the rotate speed of the slipper is, the more
unsymmetrical the pressure distribution along the radial
direction of the oil film becomes. Then the friction and tilt
torque on the slipper are higher as well. When the slippers
are rotating at high speed, there is a noticeable pressure
differential along the slipper radial direction, and the
one along the angular direction, which is mainly caused
by structure asymmetry, decreases simultaneously.
(2) Higher inlet pressure may not result in more leakage.
With the oil film and orifice, pressure drop rate becomes
lower when running at higher inlet pressure. The pres-
sure reductions related with oil film and orifice are both
important for hydraulic efficiency.
(3) The groove width does not deliver significant influ-
ence on the pressure and leakage, while groove radius
does affect pressure distribution and leakage consider-
ably. Groove width and radius have contrary effect
on the tilt torque. Given that the leakage and
lubrication are not considered, maximum groove
width and minimum radius present good stable
performance.
(4) Leakage tends to increase continuously with the orifice
diameter, while tilt torques do not have similar behavior,
which means that there exists an optimal orifice size for
minimum leakage and maximum dynamic stability.
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